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This study experimentally quantified the change in heat transfer and pressure drop associated with tilting
a compact brazed plate heat exchanger from the intended vertical position. Both clockwise and
counterclockwise rotations within a plane perpendicular to the fittings were examined. A SWEP
BI15 x 36 was tested as an R-22 evaporator and condenser under fixed refrigerant state conditions
suitable to high-efficiency water-source heat pumps. This study showed that a substantial performance
penalty occurred when the evaporator was rotated past 30° from the vertical. The evaporator heat
transfer in the horizontal position was 60~75% of the vertical value. For a rotation angle of 30°, the
degraded heat transfer was within 5% of the vertical value. Rotation direction and entering refrigerant
state had little effect on the performance of the evaporator for rotation angles less than 60°. Only when
the evaporator was rotated to the horizontal position did rotation direction and refrigerant state have
much effect. At the horizontal position, a subcooled-entering refrigerant and a counterclockwise rotation
both tended to lessen the evaporator heat transfer degradation. Rotation of the condenser to the

- horizontal position improved the overall heat transfer coefficient by approximately 17—-30%. Rotation
direction had a negligible effect on the performance of the condenser for angles less than 60°. Both the

evaporator and condenser pressure drops were influenced by flow distribution changes as the heat

exchangers were rotated.

The origins of the compact brazed plate heat
exchanger (CBE) began in the 1920s with the first
commercially successful gasketed-plate heat ex-
changers (Saunders [1]). Milk producers and other
food and drink processors satisfied hygiene re-
quirements by periodically disassembling and
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cleaning the gasketed plates. The convenience of
disassemblage limits the application of gasketed-
plate heat exchangers to relative low-pressure du-
ties. By contrast, the CBE can sustain relatively
large operating pressures because the edges of its
plates are brazed together.

Applications for compact brazed plate heat ex-
changers have increased in recent years. Cur-
rently, the compactness of the CBE drives its use
as refrigerant evaporators and condensers. For
example, Saunders [1] cites a case where one CBE
replaced several shell-and-tube heat exchangers.
Consequently, research demonstrating the use of
CBE:s in refrigeration applications, such as that of
Falls et al. [2] and Jonsson [3], is becoming more
prevalent. The accelerated application of CBESs to
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refrigerant equipment is sustained by pertinent
design information. Unfortunately, the available
research on CBEs as refrigerant evaporators and
condensers is not entirely comprehensive.

No work was found in the open literature on
the influence of gravity on the heat transfer per-
formance of a CBE. Much of the work toward
developing the means to predict the duty of plate
heat exchangers has focused on single-phase heat
transfer [4-6], where gravity effects should be
insignificant. Also, two-phase studies with CBEs,
such as that by Wang and Zhao [7], remove the
gravity effect by assuming a vertical installation.
Intuitively, gravity should significantly affect the
flow patterns in the narrow channels of a CBE.
Consequently, tilting a CBE should affect the
two-phase heat transfer.

The purpose of this study was to quantify the
change in performance associated with tilting a
CBE from the designed vertical position. It may
be advantageous to install the CBE skewed in
equipment to achieve a lower-profile, and conse-
quently, lower-cost unit enclosure. A manufac-
turer may be willing to give up a certain heat
exchanger duty to be able to produce less expen-
sive equipment. Accordingly, detailed measure-
ments of the effect of inclination on the perfor-

mance of a CBE are required to carefully weigh
the performance change against the production
cost savings. Also, manufacturers of CBEs can
provide their customers with performance-versus-
orientation design information that may create
new applications for CBEs or increase the use of
CBEs in existing applications. For example, this
study shows that the heat transfer performance of
an R22 CBE condenser in the horizontal position
is greater than in the vertical position. This result
may encourage the use of CBEs in more con-
denser applications.

A SWEP B15 X 36 was tested under operating
conditions experienced by an evaporator and a
condenser of a high-efficiency water-source
heat pump. The B15 X 36 contained thirty-six
466 mm X 72 mm stainless steel plates with a
ridged herringbone pattern. The plates were
stacked alternating the orientation of the herring-
bone pattern and then brazed with copper. The
honeycomb pattern the stacked plates create is
illustrated in the cutaway drawing of a typical
CBE given in Figure 1. When viewed in the verti-
cal position, the CBE had 19-mm NPT connec-
tions located on the right front for the water
stream and 22-mm solder connections on the left
front for the refrigerant stream.

;o

VSRR Figlfré 1 Cutaway of typicai compact brazed platé heat exchanger. SR
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Figure 2 Test heat exchanger orientation.

Figure 2 illustrates the orientation of the test
heat exchanger as it was rotated clockwise and
counterclockwise about an axis perpendicular to
and centered on the front of the heat exchanger.
Brazed plate heat exchangers have pointers
stamped on the surface at one end, which manu-
facturers recommend to point upward when in-
stalled SWEP [8]. Figures 2a and 2c¢ show the
evaporator and the condenser in the recom-
mended vertical orientation, respectively. The fluid
connections were located at the corners of the
heat exchanger and extended outward from its
face. The fluid streams of both the evaporator and
the condenser were in counterflow. The refriger-
ant flowed up in the evaporator and down in the
condenser. The heat exchanger was rotated about
an axis centered on its face and parallel to the axis
of the connections. The angle of rotation was
measured from the vertical position. Both rotation
directions were tested to examine the effect of the
position of the connections relative to the header.

TEST APPARATUS

Figure 3 shows a schematic of the test rig used
to test the brazed plate heat exchanger. The main
components of the rig are labeled on the figure as
(1) subcooler, (2) refrigerant pump, (3) desub-
cooler, (4) preevaporator, (5) reservoir/liquid

~ desuperheater, (6) test heat exchanger, and (7)

condensers. The de-subcooler was bypassed dur-
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ing the evaporation tests. The different refrigerant
paths for evaporator and condenser tests are illus-
trated in Figure 3.

The desubcooler was operated and the desuper-
heater was disabled during the condensation tests.
The purpose of the desubcooler was to remove
the subcooling. The subcooling prevented cavita-
tion in the pump. The phase change occurred in
the preevaporator, where the saturation pressure
was more readily controlled when the evaporator
had little -subcooling to remove. The refrigerant
charge was reduced enough to keep liquid out of
the desuperheater. Otherwise, saturated liquid
would have entered the test section. Superheated
vapor traveled from the preevaporator to the test
condenser. The test condenser condensed the re-
frigerant, which then bypassed the brine-cooled
condensers and traveled to the subcooler to com-
plete the loop. '

The desubcooler was bypassed and the desuper-
heater was operated during the evaporation tests.
For the evaporator tests, the refrigerant exited the
preevaporator as saturated liquid at approximately
1% thermodynamic quality. The low-quality lig-
uid-vapor mixture entered the top of the liquid
desuperheater and exited the bottom as saturated
liquid. The system charge was adjusted to keep
liquid refrigerant in the bottom of the desuper-

heater, The refrigerant leaving the desuperheater

~ entered the test evaporator. The test evaporator

superheated the refrigerant to approximately 5.5
K above the saturation temperature. The refriger-
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Figure3 Schematic of the test rig.

ant circuit was completed by the condensation of
the superheated vapor in the condensers.

The loop contained all brazed plate heat ex-
changers except for the brine-cooled condensers,
which were aluminum spiral heat exchangers.
Brine at 260 K and 0.24 kg/s subcooled and
condensed the test refrigerant in the subcooler
and condensers, respectively. The mass flow rate
of the subcooled refrigerant measured with the
coriolis meter and that measured with the turbine
meter always agreed within 1%.

- Figure 3 illustrates the location of all the mea-

surement devices. The subcooled liquid refriger- -
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ant temperatures were measured at the turbine
meter and in the line between the desubcooler
and the preevaporator. The refrigerant pressure
was also measured in the line between the desub-
cooler and the preevaporator to determine the
degree of subcooling there. The refrigerant tem-
peratures were also measured in line at the en-
trance and exit of the test heat exchanger, along
with the pressure drop across its inlet and exit.
The absolute pressure of the refrigerant was mea-
sured at the inlet of the test heat exchanger.
Ten-element thermopiles were used to measure
the water temperature drop of the test heat ex-
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changer and the preevaporator. The separate wa-
ter flow rates for the test heat exchanger and the
preevaporator were measured with turbine meters
to calculate the duty of each. The heat load of the
preevaporator was used to calculate the inlet qual-
ity of the test heat exchanger. The heat load of
the test heat exchanger was the focal point of
this study and was also used to calculate its exit
quality.

The duty of the test heat exchanger, the mea-
sured refrigerant temperatures, and saturation
pressure were used to calculate the average tem-
perature difference between the water and refrig-
erant streams (AT) of the test heat exchanger as

L q, 924 q

— = + + (1)
AT qr AT,  qr AT,,  qr AT,

where the equations used to calculate the average
temperature difference between the water and
refrigerant vapor (AT,), water and two-phase re-
frigerant (AT,,), and water and refrigerant liquid
(AT)) are given in Appendix A. Appendix B pro-
vides the equations used to calculate the vapor
(q,), two-phase (g,,), and liquid (g,) components
of heat.

The overall conductance (UA) of the test heat
exchanger was calculated as

qr
UA Y (2)
The estimated combined standard uncertainty (u_)
of the UA calculation, along with all other mea-
surement u /s for 95% confidence, are presented
in Table 1. The u, is commonly referred to as the
law of propagation of uncertainty.

Table 1 Combined standard measurement uncertainties

Measured parameter u,

Turbine ref. flow meter +2% of the measured value

Coriolis ref. flow meter +10E-4 kg /s
Absolute temperature 02K
Temperature difference 0.01 K
Absolute ref. pressure +2 kPa
Differential pressure +0.26 kPa
Duty test H-X +2%

UA of test H-X +4.3%
AT (LMTD) of test H-X +3.8%
AP of test H-X 0.2 kPa

The target operating conditions given in Tables
2 and 3 are applicable to those for current high-
efficiency water-source heat pump evaporators and
condensers, respectively. Due to the limitations of
water and brine flow rates and temperatures of
the test loop, certain target conditions were
unattainable. Consequently, the “as tested” condi-
tions are given in Tables 2 and 3. Most of the
evaporator target conditions were met. The refrig-
erant flow rate was marginally lower than the
target value. The saturation temperature for the
evaporator test was approximately 10 K greater
than the target value. The condenser was tested at
a saturation pressure lower than the target condi-
tion. Also, the refrigerant mass flow rate of the
condenser was approximately half that of the tar-
get, due to insufficient water.flow to the con-
denser. It is believed that the observed relative
performance with heat exchanger rotation should
not be significantly different from that which
would have been observed at the target condi-
tions.

Table 2 Vertical evaporator operating conditions

As tested, As tested,
saturated subcooled
Operating condition Target _inlet inlet
Refrigerant flow rate 0.055 kg /s 0.051 kg /s 0.051 kg/s
in vertical position (433 1b,,/h) (402 1b,,/h) (402 1b,,/h)
Refrigerant inlet 280.37K 290.7K 2898 K
temperature (45.0°F) (63.59°F) (61.97°F)
Saturated two-phase 280.37K 291.0K 290.9K
: ’ (45.0°F) (64.13°F) (63.95°F)
Exit superheat 556K 554K 552K
10°P 9.97°F) (9.94°F)
Inlet water temperature 2943K 303.6K 303.1K
(70°F) (86.81°F) (85.91°F)
Water flow rate 0.55kg/s 0.25kg/s 0.25kg/s
(8.75 gal /min) (3.98 gal /min) (3.98 gal /min)

heat transfer engineering
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Table 3 Vertical condenser operating conditions

As tested As tested
Operating condition Target (counterclockwise) (clockwise)
Refrigerant flow rate 0.06 kg/s 0.028 kg/s 0.029 kg /s
(480 1b,,,/h)

Saturated 311.8K 291.7K 2948 K
condensing (101.6°F)

Refrigerant inlet 3470K 347.7K 349.6 K
temperature (165°F)

Subcooled exiting 303.7K 2846 K 2842K
refrigerant (101.6°F)
temperature

Entering water 30259K 2845K 284.1K
temperature (85°F)

Exiting water 3082K 289.3K 289.1K
temperature (95°F)

Water flow rate 055 kg/s 033 kg/s 033 kg/s

(8.75 gal /min)

TEST RESULTS

The test results for the evaporator and the
condenser are summarized in Tables 4 and 5,
respectively. The tables provide the heat load, the
overall conductance, the mean temperature differ-
ence, and the refrigerant flow rate averaged for
each rotation angle. The R-22 saturation tempera-
ture, the inlet and exit thermodynamic state con-
ditions of the refrigerant, the water flow rate, and

Table 4 Averaged evaporator data

the inlet water temperature were all fixed for both
the condenser and evaporator tests.

Figures 4-11 present the data given in Tables 4
and 5 normalized by the data measured when the
CBE was in the vertical position. The lines given
in the graphs were obtained from a cubic regres-
sion on the rotation angle. Table 6 provides the
magnitude of the average 95% confidence interval
for the cubic regression. Following is a discussion
of Figures 4-12.

® q. UA, AT, AP, m,
(deg) (W (W/K) (K) (kPa) (kg/s)
Clockwise rotation, saturated inlet conditions

0 10,272 1,433 7.2 7.8 0.051
30 9,971 1,208 8.1 7.1 0.050
45 9,263 1,031 9.1 6.1 0.046
60 8,609 839 10.4 5.0 0.043
90 6,379 486 133 2.9 0.033

Counterclockwise rotation, saturated inlet conditions

0 10,225 1,418 7.1 8.0 0.051
30 10,019 1,257 7.8 7.6 0.050
45 9,286 1,077 8.9 6.7 0.046
60 8,691 - 873 10.3 58 0.043
90 6,742 520 13.0 36 0.036

Clockwise rotation, subcooled inlet conditions

0 10,225 1,336 7.7 71 0.051
30 9,875 1,145 8.6 6.6 0.049
45 9,151 987 9.5 5.6 0.046
60 8,708 816 10.6 4.6 0.043
90 7,010 522 135 36 0.038

Counterclockwise rotation, subcooled inlet conditions

0 10,251 1,342 7.6 73 0.051
30 9,883 1,162 85 6.7 0.050
60 8,749 813 10.8 53 0.044
90 - 7,556 564 13.4 4,0 0.038

30 heat transfer engineering
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Table 5 Averaged condenser data

© q. UA, AT, AP m,
(deg) W) (W/K) (X) (kPa) (kg/s)
Clockwise rotation

0 7,092 826 8.5 52 0.029
20 7,111 863 8.2 52 0.029
30 7,115 891 8.0 5.2 0.029
45 7,083 941 7.6 5.3 0.029
60 7,108 994 7.2 5.3 0.029
75 7,089 1,045 6.8 53 0.029
90 7,070 1,088 6.5 54 0.029

Counterclockwise rotation

0 6,861 1,199 5.7 44 0.028
20 6,384 1,281 5.4 43 0.028
30 6,860 1,314 5.2 4.3 0.028
45 6,918 1,353 5.1 44 0.028
60 6,876 1,380 5.0 4.5 0.028
75 6,861 1,398 4.9 4.8 0.028
90 6,793 1,405 4.8 53 0.028

Evaporator

The test procedure for the evaporator was de-
signed to simulate how an actual heat pump would
react to a loss of evaporator heat transfer when
the evaporator was tilted. The function of a ther-
mostatic or electronic expansion valve in a heat
pump is to adjust the refrigerant flow rate so that
a desired superheat exits the evaporator. A loss of
heat transfer causes the expansion valve to reduce
the refrigerant flow rate to maintain a fixed evap-
orator superheat. Maintaining fixed exiting evapo-
rator superheat while the evaporator heat transfer
deteriorated was achieved by reducing the refrig-
erant pump speed in the present test loop.

Four different test sets were performed on the
evaporator. The first two sets were for saturated
entering refrigerant conditions; one test set was
rotated clockwise, and the other test set was ro-
tated counterclockwise. The last two test sets were
for subcooled-entering refrigerant with the test
heat exchanger rotated clockwise and counter-
clockwise. The subcooled-entering refrigerant tests
were used to investigate the effect of flow distri-
bution on the performance of the evaporator.
Engelhorn and Reinhart [9] showed that flow
maldistribution adversely affects the performance
of an R-22 CBE evaporator. Also, Edwards et al.
[10] have shown experimentally that maldistribu-
tion of single-phase flow is relatively insignificant

Table 6 Average magnitude of 95% confidence interval for mean given in graphs

Test UA/UA, q/4, AT /AT, AP/AP, m /g
Evaporator
cw, saturated 0.021 0.014 0.026 0.04 0.013
inlet
Evaporator
ccw, saturated 0.022 0.020 0.031 0.05 0.018
inlet
Evaporator
cw, subcooled 0.031 0.015 0.048 0.07 0.008
inlet
Evaporator
ccw, subcooled 0.038 0.014 0.040 0.05 0.008
inlet
Condenser 0.059 0.004 0.041 0.01 n/a
oW
Condenser 0.080 0.003 0.046 0.02 n/a
ccw

heat transfer engineering vol. 18 no. 3 1997 . 31



for 20 plates. For a 40-plate CBE, Edwards et al.

[10] found that the mass flow in the first 24 plates
and the last 16 plates was on average 8% below
and 8% above a uniformly distributed flow, re-
spectively. The present CBE contains 36 plates.
Consequently, if the saturated entering flow is
maldistributed, the subcooled-entering flow should
exhibit a more uniform flow distribution and a
smaller performance degradation. The amount of
subcooling was set equal to the drop in saturation
temperature that would have occurred for the
entire pressure drop of the test heat exchanger.
This criterion lessened the amount of flashing
that occurred at the entrance and possibly elimi-
nated it.

Figure 4 shows the normalized duty of the
evaporator as a function of inclination angle (w).
For a given test condition, the data were normal-
ized by the duty measured at the vertical position
(q.9)- The data illustrate that for rotation angles

less than 60° similar capacities were observed for

clockwise, counterclockwise, saturated, and sub-
cooled-entering conditions. For 30°, the evapora-
tor heat transfer was within 5% of the vertical (0°)
value. For angles greater than 30° the heat trans-
fer rapidly degraded. In the horizontal position
(90°), the heat transfer was approximately 60-75%
of the vertical position duty. The performance
degradation in the horizontal position depended
on the refrigerant entering state and the rotation
direction. Both subcooled-entering refrigerant and
a counterclockwise rotation tended to minimize
the performance degradation. This suggests that
neither refrigerant flow distribution nor the rela-
tive position of the refrigerant and water connec-
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Figure 4 Normalized duty of the evaporator as a function of
inclination angle.
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tion has much effect on heat transfer until the
evaporator is nearly horizontal.

Figure 5 shows the refrigerant mass flow rate
(r1,) reduction required to maintain the 5.56 K
(10°F) exit evaporator superheat. As expected, the
hieat transfer loss was directly proportional to the
refrigerant mass flow rate reduction. The severe
deterioration of the mass flow rate did not occur
until the heat exchanger was tilted past 30°.

Figures 6 and 7 show the normalized overall
conductance (UA,) and the composite log-mean
temperature difference (AT,) versus inclination
angle (w). The rate of decrease of the UA, (in-
crease of the AT,) for angles greater than 30 was
marginally greater than the decrease of the UA,
(increase of the AT,) for angles less than 30°. For
30°, the mean AT, remained within 15% of the
vertical value. Neither rotation direction nor en-
tering-refrigerant condition had much effect on
the UA, or the AT, for angles less than 60°.
However when the evaporator was in the horizon-
tal position, both subcooled-entering refrigerant
and a counterclockwise rotation tended to reduce
UA, and increase AT,

Figure 8 shows the refrigerant-side, evaporator
pressure drop (A P,) for refrigerant upflow plotted . -
against the rotation angle. The mean pressure
drop remained within 10% of the vertical value
for a rotation angle of 30°. For rotation angles
greater than 30° the pressure drop decreased to
approximately 35-55% of the vertical value at
the horizontal position. Both the gravitational
pressure drop and the frictional pressure drop
diminish as the evaporator is rotated toward the
horizontal position. Obviously, no gravitational

R22, T; = 291 K evaporator

—{—8,CW a
==t SC,CW lines are cubic

06} — - 8,CCW regressions 1
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Figure 5 Refrigerant mass flow rate reduction required to
maintain the 5.56 K (10°F) exit evaporator superheat.
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Figure 8 Refrigerant-side pressure drop of evaporator ver-
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pressure drop exists when the refrigerant flows
horizontally. The reason for the reduction in the
frictional pressure drop is not as obvious. The
frictional pressure drop becomes smaller as the
refrigerant flow changes from annular-like to
stratified. Presumably, the refrigerant flow is well
distributed throughout a vertically positioned
compact brazed plate heat exchanger. By contrast,
the refrigerant flow should be relatively stratified
when the same heat exchanger is horizontal. A
significantly larger portion of the heat transfer
surface contacts the vapor phase for stratified flow
than for a well-distributed flow. Consequently, the
frictional pressure drop for stratified flow is
smaller than that for a well-distributed, vertical
flow.

In summary, the designer should heed the CBE
manufacturers’ recommendations for a vertical in-
stallation if obtaining the maximum duty from a
CBE is the only design criterion. However, if an
installation that is within 30° of the vertical is
desired, a sacrifice of less than 5% of the CBE
duty may be acceptable for some applications.

Condenser

Clockwise and counterclockwise rotation tests
were performed on the condenser. Vapor super-
heated to 40 K above the saturation temperature
entered the test brazed plate condenser. The su-
perheated vapor was condensed to liquid and sub-
sequently subcooled to approximately 8 K below
the saturation temperature.

Figure 9 shows the normalized duty of the
condenser as a function of inclination angle (w).
For a given test run, the data were normalized by
the duty measured at the vertical position (q,,).
The data illustrate that neither rotation nor rota-
tion direction had any effect on the condenser
duty. The condenser heat transfer was within 2%
of the vertical (0°) value, which was within the u,
of the heat transfer measurement. Recall that the
tests were conducted to meet a fixed condensing
pressure and entering and leaving refrigerant tem-
peratures. The operating conditions were achieved
while the condenser refrigerant mass flow rate
remained at approximately 0.029 kg /s for all tests.
The ability of the condenser to satisfy the refriger-
ant state at a fixed refrigerant mass flow implies
that it did not experience a heat transfer degrada-
tion with rotation.

Figures 10 and 11 show the overall conductance
(UA,) and the composite log-mean temperature

vol. 18 no. 3 1997 33
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Figure 9 Normalized duty of the condenser as a function of
inclination angle.

difference (AT,) versus inclination angle (w). The
shaded regions depict the 95% confidence inter-
vals. The figures show that the constant condenser
load was met by an increasing UA, and a decreas-
ing AT,. Both the UA, and the AT, behaved
almost hnearly with rotatlon The dxfference be-
tween counterclockwise and clockwise rotation was
within the u_ of the UA, calculation for rotation
angles less than 60°. For angles greater than 60°,
the 5-13% difference between the UA_ for the
two rotation directions may be due to inadvertent
differences in the amount of refrigerant subcool-
ing for the different rotations. More subcooling
was achieved for the clockwise rotation (7.1 K)
than for the counterclockwise rotation (10.6 K).
One consequence of differences in subcooling is
shown in Table 5. Table 5 shows that the UA for

1.1 T T T T T T T T T
L R22, Ty =292.7 K, condenser |

=@ Counter-clockwise Eco =85kW
QUR Clockwise, AT = 5.7 kW

1.0 FN

09

AT,

ATeo
0.8

0.7 [ 1lines are cubic 7]
regressions 8
shaded and hatched regions depict 35% confidencs intervala on the mean
0.6 1 1 ) ) ! ! 1 ) I
0 20 40 60 80 100
o (degrees)

Figure 10 Composite log-mean temperature difference of
condenser versus inclination angle.
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Figure 11 Normalized overall conductance of the condenser
as a function of inclination angle.

the condenser rotated clockwise is approximately
25% lower than for the condenser rotated coun-
terclockwise. Differences in subcooling could also
be responsible for the differences in the normal-
ized UAs in the horizontal position.

Overall, Figures 10 and 11 show that installa-
tion of a CBE condenser in the horizontal posi- _
tion is more favorable for heat transfer than the .
vertical position. The overall conductance of the
condenser in the horizontal position was approxi-
mately 17% and 30% greater than that for the
vertical position for the counterclockwise and
clockwise rotations, respectively. The AT, in the
horizontal position was approximately 16% and
23% smaller than that in the vertical position for
the counterclockwise and clockwise rotations, re-
spectively. A 20% reduction in AT, typically rep-
resented a reduction of less than 2 K.

Figure 12 shows the refrigerant-side, condenser
pressure drop (A P,) for refrigerant downflow plot-
ted against the rotation angle. The mean pressure
drop remained within 2% of the vertical value for
all angles of counterclockwise rotation. Gravita-
tional effects were small because most of the
volume (height) in the condenser was in the vapor
phase. Conversely, gravity influences the pressure
drop for the clockwise rotation past 45°. As shown
in Figure 1, the refrigerant exit port is located
near the top of the channel. Consequently, refrig-
erant must accumulate in the channel before exit-
ing. The greater holdup of liquid in the condenser
increased the pressure drop of the condenser for
the clockwise rotation.

In summary, it is preferable to install the CBE
in the horizontal position if maximizing the per-

formance of a condenser is the only goal. There _:
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- 13 e L s s may be other design considerations that override
‘ R22, Tg = 292.7 K, condenser concerns for improvement of condenser duty. For
~- - Counter-clackwise BPco = 5.2 KW | iaes e cubic example, the condenser of a heat pump during the
=== Clockwise, APy, = 4.4 kW regressions | l th - d . h
[ shadied and hatchec regions depict 96% confidence cooling cycle becomes the evaporator during the
intervals on the maan J heating cycle. Consequently, any performance
gained in the horizontal condenser would be more
than lost in the horizontal evaporator.

1.2

(LAY -"‘f""f'“_‘""
R E

DISCUSSION
L Figure 13 shows the hypothesized liquid /vapor
0 20 40 60 80 100 distribution within the heat exchanger for the
@ (degrees) evaporator and the condenser. The cross-sectional
Figure 12 Refrigerant-side pressure drop of condenser ver- ﬂO\fv areas _Of the channels are simplified for ease
sus inclination angle. of 1llustr§t19n. Nevertheless_, t}}e concepts for the
overall liquid and vapor distributions should re-
main valid.
°
Condensing length
for horizontal position—1
O
°
Condensing length .
for vertical position
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g Dryout
5 ~}— Liquid a
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= L— Vapor —
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Figure 13 Liquid /vapor distribution within simplified heat exchanger channel for the evaporator and the condenser.
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The evaporator suffers a degradation when it is

tilted horizontally, due to stratification of the flow.
The stratified flow causes dryout of the upper
surface of the channel and accumulation of liquid
into thick films on the lower portion of the chan-
nel. Both dryout and thick liquid films cause poor
heat transfer. The vertical position is favorable for
flow boiling because the liquid film is distributed
more evenly in an annular flow pattern. Conse-
quently, the liquid film is thin and effective for
heat transfer in annular flow.

Figure 13 also describes the mechanism respon-
sible for the improvement of the overall heat
transfer coefficient of the condenser when it is
tilted in the horizontal position. The rotation
changes the condensing length of the film. The
condensing length is 72 mm and 466 mm long
when the condenser is in the horizontal and verti-
cal positions, respectively. The longer condensing
length permits the film thickness to build. The
thin film region near the leading edge of the
condensing length exhibits the most favorable heat
transfer. The length of the leading edge for the
condenser in the horizontal position is nearly 6.5
times that for the condenser in the vertical posi-
tion. Consequently, the average condensate film

thickness for the condenser in the horizontal posi-

tion is thinner than that in the vertical position.
Thin condensate films induce a greater overall
heat transfer coefficient for the condenser in the
horizontal position.

CONCLUSIONS

Experimental investigation of the effect of incli-
nation on the performance of a brazed plate heat
exchanger revealed that a substantial performance
penalty occurs for the evaporator as it is rotated
past 30° from the vertical. The evaporator lost
60-75% of its duty to maintain fixed refrigerant
states when tilted to the horizontal position,
whereas the condenser satisfied fixed refrigerant
states without a loss in heat transfer when tilted.
The overall heat transfer coefficient of the con-
denser improved by approximately 17-30% by ro-
tating it to the horizontal position. Consequently,
a vertical condenser duty may be improved with a
change to a horizontal installation. However, the
evaporator should be installed in a vertical or
near-vertical position to avoid a significant heat
transfer penalty.

Rotation direction and entering-refrigerant
state had little effect on the performance of the
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evaporator for rotation angles less than 60°. For a
rotation angle of 30°, the heat transfer degrada-
tion was within 5% of the vertical value. The
evaporation degradation results from stratification
of the flow into a dryout region and a thick film
region. Only when the evaporator was rotated to
the full horizontal position did rotation direction
and refrigerant state have much effect. At the
horizontal position, a subcooled-entering refriger-
ant and a counterclockwise rotation both tended
to minimize the heat transfer degradation.

Rotation direction had little effect on the con-
denser duty. The overall heat transfer coefficient
of the condenser improved nearly linearly with
rotation. The results suggest that a compact brazed
heat exchanger performs best as a condenser when
the width is installed in the vertical direction to
give the shortest condensing length.

Gravity and flow regime changes both acted to
reduce the refrigerant-side pressure drop as the
evaporator was rotated from the vertical to the
horizontal position. Little change in the pressure
drop was observed for a counterclockwise rotation
of the condenser. For a clockwise rotation, the
condenser pressure drop began to increase past a
rotation angle of 60°.

NOMENCLATURE

ccw  counterclockwise

¢, specific heat (kJ/kg- K)

cw  clockwise

rm  mass flow rate (kg/s)

q test heat exchanger duty (W)

T  temperature (K)

UA overall conductance (W/K)

u combined standard uncertainty

AP refrigerant-side pressure drop (kg/m - s?)

AT composite log-mean temperature difference
(K)

w  angle of rotation from the vertical (degrees)

Subscripts

condenser
evaporator
inlet
liquid refrigerant
outlet
refrigerant
refrigerant vapor
- water
;  water at saturated refrigerant liquid location

EEQ‘!QN“'NQ
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- AT

w,  water at saturated refrigerant vapor location
2¢ two phase refrigerant
0 vertical position

APPENDIX A

This appendix presents the equations that were
used to calculate the average temperature differ-
ence between the water and the condensing re-
frigerant vapor (AT,), between the water and the
two-phase refrigerant (AT,,), and between the
water and the refrigerant liquid (AT)).

Evaporator

The average temperature between the refriger-
ant and water streams while the refrigerant was
single-phase vapor (A7,) was calculated as

Cp/c, ) = 1]

- T)]

where m, and rm,, are the refrigerant and water
mass flow rates, respectively. The c¢p, and the cp,,
are the specific heats of the refrigerant vapor and
the water, respectively. The temperature of the
water at the location of the saturated refrigerant
vapor (7,,,) was calculated from

ar - T D,

* T T[T, - T)/(T ®

rcpl, _
. (T, - T,) (4)
m,c °

WP
The average temperature difference between the
water and the single-phase refrigerant liquid was
calculated from

(7, —T)—(

—T)

AT, = (5
' (T, - T,)/(T, - T.)]
where
T, =T, + a1 —(T, - T,) (6)
° mepw

The average temperature difference between the
water and the two-phase refrigerant liquid was
calculated from

va — Tw,
T, — T.)/T, — T,]

26 ln[( N
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Condenser

The average temperature between the refriger-
ant and water streams while the refrigerant was
single-phase vapor (AT,) was calculated as

_ (Tr, - Ts)[l - (’hrcpu)/(mwcpw)]
Mo TR, — T /(T - )]

where r1, and rm,, are the refrigerant and water
mass flow rates, respectively. The ¢p, and the cp,,
are the specific heats of the refrigerant vapor and
the water, respectively. The temperature of the
water at the location of the saturated refrigerant
liquid (7,,) was calculated from

(8)

m,c
_T, - e —2(T, - T,) 9)
° mwcpw

T,

w,

The average temperature difference between the
water and the single-phase refrigerant liquid was
calculated from

(%, -T.,) - (T,-T.)

AT, = (10)
' W[(T,-T,)/(T,-T,)]
where
m,c
T,=T,+—>(T,-T,) (11)
) mwcpw o

The average temperature difference between the
water and the two-phase refrigerant liquid was
calculated from

TWI . va
(T, - T, )/(T, - T,,)]

AT,y = (12)

APPENDIX B

This appendix presents the equations that were
used to calculate the vapor, two-phase, and liquid
components of heat, g,, ¢,,, and g,, respectively.

The refrigerant vapor heat load for the con-
denser was calculated from
9., = mrcp,,(Tr,- - T;) (13)
The refrigerant vapor heat load for the evaporator

was calculated from
q‘u =._’jz_l'¢Pu(1,;, — T"'o) ) (14)
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The refrigerant liquid heat load for the condenser
was calculated from

4., = (T, - T,) (15)

The refrigerant liquid heat load for the evaporator
was calculated from

q., =m,c,(T, — T,) (16)

rp

The two-phase refrigerant heat load was calcu-
lated from

q2¢ = mwcpwlTwa - Tw,-} - 4q, — q (17)
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