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This paper presents local convective-condensation measurements for four refrigerants:
R134a, R410A (R32/R125, 50/50% mass), R125, and R32 in a micro-fin tube.! Both
heat transfer and pressure drop measurements are provided. The heat transfer
degradation associated with R410A was shown to be relatively small and believed to
be mostly due to nonlinear property effects. The measured convective-condensation
Nusselt numbers for all of the test refrigerants were correlated to a single expression
consisting of a product of dimensionless properties. The correlation was shown to
predict some existing data from the literature within acceptable limits. The correlation
poorly predicted the heat transfer performance of cross-grooved, micro-fin tubes. The
pressure drop measurements for the micro-fin tube were predicted satisfactorily by an
existing correlation for flow-boiling pressure drop in a smooth tube. Correlation of the
pressure drop measurements suggested that the heat transfer enhancement was due to
the fins behaving as a surface roughness.

Keywords: Enhanced heat transfer, micro-fin, refrigerant mixtures, fluid heating, condensation,
pressure drop

INTRODUCTION it provides the highest heat transfer with the lowest

pressure drop of the commercially available
Most evaporators and condensers of new unitary internal enhancements (Webb, 1994). Together,
refrigeration and air-conditioning equipment are R134a, R22, and R22 replacements constitute by
manufactured with micro-fin tubes. The micro-fin mass nearly all the refrigerants used in unitary
tube dominates unitary equipment design because  products (Muir, 1989). Consequently, two-phase
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heat transfer data for the micro-fin tube with
R134a, R22, and R22 replacements are essential
for the design of evaporators and condensers for
unitary applications.

Although the study of R134a, R22 and R22
replacements in micro-fin tubes is important, the
work available in the open literature is limited. For
example, there are surprisingly few studies on R22
replacements and micro-fin tubes. Wang et al.
(1996) present quasi-local condensation heat trans-
fer coefficients for R22 and R407C. Also, Kaul
et al. (1996) present local flow-boiling heat transfer
measurements for R410B and R407C. Most of
the available literature focuses on the heat transfer
of R134a and R22. A survey by Schlager et al.
(1990), which was later updated by Eckels e al.
(1992), on all the refrigerant heat transfer with
micro-fin tubes, showed that of the 22 studies, five
were with RI13, 15 were with R22, and two
examined both fluids. The survey also revealed
that condensation research has been neglected
relative to evaporation research. For example, 17
of the surveyed studies did not investigate con-
densation. With help from the Bergles et al. (1995)
survey and our own search, we were able to find
only ten additional papers on convective conden-
sation in micro-fin tubes. Four of these studies
were for R134a, five were for R22, and one was the
Wang et al. (1996) paper on R407C. Most of the
recent R134a studies were of global heat transfer
measurements as done by Eckels er al. (1994).
However, ouly four studies — Chamra and Webb
(1995), Chiang (1993), Mori and Nakayama
(1983), and Khanpara et al. (1986) — present local
condensation measurements in a micro-fin tube.

Local condensation measurements will prove
most useful to the refrigeration industry. An
accurate sizing of a condenser with micro-fin tubes
requires an accurate local heat transfer correlation.
Unfortunately, neither Ghaderi er al. (1995) nor
Webb (1994) were able to find a convective-
condensation correlation for the micro-fin tube in
the literature. The absence of a universal con-
densation correlation may be partly due to the
many variants of the micro-fin geometry and the

common practice of using the root diameter area
instead of the actual surface area and the hydraulic
diameter to calculate the heat transfer. Although
the use of the root diameter is convenient, it has
little relevance to heat transfer. On the other hand,
it may be possible 1o develop a single local heat
transfer expression that can be used for different
micro-fin geometries by correlating with respect to
the actual surface area and the hydraulic diameter
of the tube.

Considering the shortage of convective-conden-
sation data for R22 replacements in a micro-fin tube
and the absence of a heat transfer correlation, there
were two main objectives of the investigation. The
first was to characterize the convective-condensa-
tion performance of two R22 alterna- tives in a
micro-fin tube. Specifically, the local convective-
condensation pressure drop and heat transfer
coefficient of R134a and the near-azeotropic refrig-
erant mixture R410A along with its pure compo-
nents R32 and RI125 were experimentally
determined. The experimental measurements for
the fluids were correlated to a single correlation asa
function of non-dimensional parameters. The sec-
ond objective was to fundamentally characterize the
heat transfer degradation of R410A relative to the
performance of the pure components. Convective-
condensation heat transfer coefficients for the
mixtures’ pure components were measured to
establish a baseline for the heat transfer degradation
calculations. A fundamental understanding of
mixture heat transfer mechanisms can be used to
refine the selection of mixture composition and/or
mixtures for alternative refrigerants.

EXPERIMENTAL APPARATUS

Figure 1 shows a sketch of the experimental
apparatus used to establish and measure the con-
vective-condensation heat transfer. The refrigerant
flow rate, pressure, and superheat were fixed at the
inlet to the test section. The water flow rate and
the inlet temperature were fixed to establish the
overall refrigerant quality change in the test section.
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The water temperature drop, the tube wall tem-
perature, the refrigerant temperatures, pressures,
and pressure drops were measured at several axial
locations along the test section. These measure-
ments were used to calculate the local heat transfer
coefficient for the micro-fin tube.

The test section consisted of a pair of 3.34m
long, horizontal tubes connected by a U-bend. A
fixed test pressure was maintained by balancing
the refrigerant duty between the subcooler, the
test section, and the evaporator. A magnetically
coupled gear pump delivered the test refrigerant to
the entrance of the test section with a few degrees
of vapor superheat. Another magnetically coupled
gear pump supplied a steady flow of water to the
test section. The inlet temperature of the water
loop was held constant for each test with a water-
chilled heat exchanger and variable electric hea-
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Schematic of test rig.

ters. The refrigerant and water flow rates were
controlled by varying the pump speeds using
frequency inverters. Redundant flow-rate measure-
ments were made with Coriolis flowmeters and
with turbine flowmeters for both the refrigerant
and water sides.

Figure 2 shows a cross section of the test section
with a detail of the micro-fin tube geometry. The
test refrigerant flowed inside a micro-fin tube,
while distilled water flowed either in counterflow
or parallel flow to the refrigerant in the annulus
that surrounded the micro-fin tube. The annulus
gap was 2.2mm, and the micro-fin tube wall
thickness was 0.3 mm. The micro-fin tube had 60,
0.2 mm high fins. The perimeter of one fin and one
channel (S) measured perpendicularly to the fin
axis was approximately 0.7l mm. The fins rifled
down the axis of the tube at a helix angle of 18°
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FIGURE 2 Test section cross section.

with respect to the tube axis. For this geometry,
the cross-sectional flow area was 60.8 mm? giving
an equivalent smooth diameter (D,) of 8.8 mm.
The root diameter of the micro-fin tube was
8.91 mm. The inside-surface area per unit length
of the tube was estimated to be 44.6mm. The
hydraulic diameter (D) of the micro-fin tube was
estimated to be 5.45mm. The ratio of the inner
surface area of the micro-fin tube to the surface
area of a smooth tube of the same D, was 1.6.

Figure 3 provides a detailed schematic of the test
section. The annulus was constructed by connect-
ing a series of tubes with 14 pairs of stainless steel
flanges. This construction permitted the measure-
ment of both the outer micro-fin wall temperature
and the water temperature drop as discussed in the
following two paragraphs. The design also avoided
abrupt discontinuities such as unheated portions
of the test section and tube-wall “fins” between
thermopile ends.

Figure 3 also shows that thermocouple wires
pass between 12 of the gasketed flange pairs to
measure the refrigerant-tube wall temperature
at ten locations on the top, side, and bottom of
the tube wall. These locations were separated by
0.6m on average, and they were located near the
intersection of the shell flanges. In addition to
these, thermocouples were also mounted near the
middle pressure taps. The thermocouple junction
was soldered to the outside surface and was sanded
to a thickness of 0.5 mm. The leads were strapped
to a thin non-electrically-conducting epoxy layer
on the wall for a distance of 14.3 mm before they
passed between a pair of the shell flanges. The wall
temperature was corrected for a heat flux depen-
dent fin effect. The correction was typically 0.05 K.

A chain of thermopiles is shown in Figure 3 that
was used to measure the water temperature drop
between each flange location. Each thermopile
consisted of ten thermocouples in series, with the



CONDENSATION WITHIN A MICRO-FIN TUBE 165

Xx=0m x=3.339m
x=0.125m x=3.1735m
> |
Water out

m

. 0919

=@ L@ @ T @

|
I
’i’ E?(P

® N
f
@ B e @@Pc?
Refr [ QP?H i
out I———Lr
T @
Water in l
| |
X =6.5326m x=3.5045m
X =6.684 m Xx=3.339m

FIGURE 3 Detailed schematic of test section.

ten junctions at each end evenly spaced around the
circumference of the annulus. Because the up-
stream junctions of one thermopile and the down-
stream junctions of another enter the annulus at
the same axial location (except at the water inlet
and outlet), the junctions of the adjacent piles were
alternated around the circumference. A series of
teflon half-rings attached to the inner refrigerant
tube centered the tube in the annulus. The half-
rings were circumferentially baffled to mix the
water flow. Mixing was further ensured by a high
water Reynolds number (Kattan et al., 1995).

As shown in Figure 3, six refrigerant pressure
taps along the test section allowed the measure-
ment of the upstream absolute pressure and five
pressure drops along the test section. Two sets
of two water pressure taps were used to measure
the water pressure drop along each tube. Also, a
sheathed thermocouple measured the refrigerant
temperature at each end of the two refrigerant
tubes, with the junction of each centered radially.

Only the thermocouple at the inlet of the first tube
was used in the calculations. The entire test section
was wrapped with 5cm of foam insulation to
minimize heat transfer between the water and the
ambient,

HEAT TRANSFER COEFFICIENTS

The convective-condensation heat transfer coeffi-
cient based on the actual inner surface area (f,,)
was calculated as:

14

T (1)
where the measured wall temperatures (7,) were
fitted to their axial position to reduce the
uncertainty in the measurement. The best fits for
the wall temperature for parallel flow and counter-
flow differed. The measured wall temperatures for
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counterflow were fitted to:
T, = Ag + A2 )

The measured wall temperatures for parallel
flow were fitted to:

Ty = Ay + A1z + Ay7* (3)

The uncertainty of most of the fitted wall
temperatures was less than 0.5K. The median of
the uncertainty in 7,, as shown in Table I was
0.35K. Further detail on the wall-temperature
uncertainty is given in Kedzierski and Goncalves
(1997).

The water temperature (7;) was determined
from the measured temperature change obtained
from each thermopile and the inlet water-tempera-
ture measurement. The water temperature was
regressed to the axial location of the thermopiles
along the z-coordinate. As shown for the T,
regressions, the best fits for the water temperatures
differed for parallel flow and counterflow. The
water temperatures for counterflow were fitted to:

Tr= Ay + A1 2 + 4,2 (4)

The measured water temperatures for paraliel
flow were fitted to:

Tr= A+ A1z + Ap2* + As2° (5)

TABLE 1 Median estimated 95% relative expanded uncer-
tainties for Eq. (10) data

Parameter Minimum Maximum U%

G, [kg/m?s) 57 552 2.0

7, [K] 293.0 323.0 0.1 (0.3K)
P [kPa] 600 2000 1.5

T, [K] 288.0 118.0 0.1 (0.357K)
riyy [ke/s] 0.0150 0.0450 2.0

Ty K] 278.0 313.0 0.1

P [kPa] 200 110 1.0

¢" [kW/m?) 0.72 39 5.1
dTydz [K/m] 0.014 0.57 52

AT, [K] 0.41 12.6 15.2 (0.44K)
Nu 58 508 16.4

Re 3500 24000 4.0

Ja 6 256 16.0

Pr 1.7 3.6 2.0
P,/Pc 0.22 0.62 2.0

Sv 0.86 10.3 3.0

x 0.06 1.0 8.0

The water-temperature fits, the measured water
mass flow rate (#y), and the properties of the
water were used to calculate the local heat flux (g”)
to the micro-fin tube based on the actual inner
surface area:

where p is the wetted perimeter of the inside of the
micro-fin tube. The specific heat (c,) and the
specific volume () of the water were calculated
locally as a function of the water temperature. The
local, axial water-temperature gradient (d7,/dz)
was calculated from a derivative of either Eq. (4)
or (5) depending on the corresponding flow
configuration. The water pressure gradient (dP
dz) was linearly interpolated between the pressure
taps to the location of the wall thermocouples. The
pressure gradient term was typically less than 3%
of the temperature gradient term.

Figure 4 shows an example plot of the local heat
flux as calculated from Eq. (6) versus the thermo-
dynamic quality. Counterflow and parallel flow
heat flux profiles are compared for R134a at a
Reynolds number of 15100 and a refrigerant
pressure of 1160 kPa. The form of the counterflow
and parallel flow differ, as suggested by the use of
two different water-temperature fits for the two
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flow conditions. The two flow conditions provided
for a wider range of heat fluxes at a given
thermodynamic quality. In this way, the sensitivity
of the heat transfer coefficient to the heat flux
could be thoroughly investigated as a function of
quality.

The equilibrium refrigerant temperature (7))
and all other thermodynamic and transport
properties were calculated with version five of
REFPROP (Huber et al., 1995) with enthalpy and
pressure as inputs. The enthalpy of the refrigerant
vapor at the inlet of the test section was calculated
from its measured temperature and pressure. The
subsequent drop in refrigerant enthalpy along the
test section was calculated from the local heat flux
and the measured refrigerant mass flow rate. The
refrigerant pressures were measured at six pressure
taps along the test section. The pressure was
linearly interpolated between the taps. The aver-
age T, was varied between 30°C and 50°C with
approximately 5K of superheat at the test section
inlet.

The local Nusselt number (Nu) was calculated
based on the actual inner surface area of the tube
as:

Nu = haoDi (7
ki

Testing the two flow conditions also benefitted
the correlation of data by providing complimen-
tary uncertainty profiles with thermodynamic
quality. For example, the uncertainty of the low
quality, parallel flow Nusselt number data exhibits
high uncertainties, while the low quality, counter-
flow data exhibits low uncertainties. Consequently,
by testing with both flow conditions, much of the
parallel flow data can be omitted from the cor-
relation due to its high uncertainty, while still
maintaining sufficient counterflow data in the low
quality region to produce a valid correlation. A
similar, but opposite, scenario exists in the high-
quality region.

The cubic fit of the wall- and water-temperature
profiles were within £0.8 K and +0.2K, respec-
tively, of the measured temperatures. On average,

the residual standard deviation of the wall- and
water-temperature fits was 0.5K and 0.1K,
respectively. The refrigerant temperatures were
obtained from pressure measurements and the
REFPROP (Huber et al., 1995) equation of state.

Figure 5 provides corroboration of the present
local heat-flux and wall-temperature measure-
ments with the Wiegand (1945) correlation for
single phase turbulent heat transfer in a smooth
annulus. The local heat flux, measured wall and
water temperatures were used to calculate the local
water-side heat transfer coefficient for the annulus.
Figure 5 shows that approximately 80% of the
measured water-side heat transfer coefficients are
within £25% of the Wiegand (1945) correlation.
The range of the difference between measurements
and Wiegand’s (1945) correlation is nearly cen-
tered about the correlation and lies within £36%
which was the range given by E. L. McMillen for
his data in the *Written Discussion” section of
Wiegand’s (1945) paper. This provides an inde-
pendent validation of the wall temperature and
heat flux measurements.

Table 1 shows the expanded measurement
uncertainty (U) of the various measurements along
with the range of each parameter in this study. The
U was estimated with the law of propagation of
uncertainty. All expanded measurement uncertain-
ties are reported for a 95% confidence interval and
are evaluated by statistical methods. The estimates
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shown in Table I are median values of U for the
correlated data. More detail on the various
uncertainties is given in Kedzierski and Goncalves
(1997).

RESULTS

The 1704 heat transfer and pressure drop data
points generated in this study for R32, RI125,
R410A, and R134a are tabulated in the appendices
of Kedzierski and Goncalves (1997).

Heat Transfer

The present heat transfer measurements concur
with the approximate magnitude of the heat
transfer enhancement reported by Webb (1994).
Webb (1994) states that the micro-fin tube
provides anywhere from 100% to 200% improve-
ment over smooth-tube R22 condensation perfor-
mance. Figure 6 shows a graph of the
condensation heat transfer enhancement ratio

(E3),

hagA;

E, =
h hymD,L

(8)
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FIGURE 6 Condensation heat transfer enhancement ratio for
micro-fin tube.

versus Reynolds number. The heat transfer coeffi-
cient of the plain surface (h,) was calculated from
the smooth-tube convective-condensation correla-
tion of Ackers and Rosson (1960) using the
equivalent diameter (D,) to calculate the Reynolds
and Nusselt numbers. The 4, was calculated using
the same mass velocity and fluid properties that
were used for the experimental data.

The enhancement ratio shown in Figure 6 varies
from approximately 0.6 to 3.6 for the micro-fin
tube. Approximately half of the enhancement
factors are greater than 1.6. Enhancement ratios
below 1.6 indicate that the micro-fin heat transfer
coefficient based on the surface area is less than
that of a smooth tube. Enhancement ratios greater
than 1.6 suggest that the enhancement caused by
the micro-fin surface is due to more than just the
60% surface area increase over the smooth surface
with the same cross sectional flow area.

Regression of dimensionless parameters against
E, was used to assist in the investigation of the
mechanism that was responsible for the heat
transfer enhancement. The E, was found to be
primarily a function of Reynolds number and
thermodynamic quality:

Ejp =9.777 Re™'%? x4 (9)

The relative magnitude of the exponents in
Eq. (9) shows that the quality has more influence
on the E, than does the Re. The negative exponent
on the Reynolds number shows that the effective-
ness of the micro-fin enhancement mechanism
decreases for increasing Reynolds numbers.
Conversely, Eq. (9) shows that the micro-fin en-
hancement mechanism is more effective for larger
values of quality. The enhancement mechanism
with respect to increasing quality may result from
an interaction between the fins and the
liquid - vapor interface of the fluid in the tube.
At very high vapor qualities and very thin liquid
films on the surface, the fins may be very effective
at mixing the liquid —vapor interface due to their
proximity to the liquid —vapor interface. It is also
possible to obtain an additional enhancement at
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very high qualities from surface-tension drainage
forces on the fin-tips. However, as the liquid
accumulates on the surface, both the liquid — vapor
interface mixing and the surface-tension effects
diminish. Consequently, the Ej is larger at higher
qualities. The heat transfer enhancement with
respect to the Reynolds number may result from
an interaction between the fins and the turbulence
in the liquid film. Smaller eddies transfer momen-
tum more efficiently than larger eddies. Low
Reynolds number flows may be enhanced more
readily than high Reynolds number flows due to
the reduction in the size of the turbulent eddies at
the wall by the interaction of the flow with the fins.
High Reynolds number flows are not enhanced as
readily as low Reynolds number flows because
there are fewer large eddies to be reduced at higher
Reynolds numbers.

The enhancement ratio that Schlager er al.
(1989) obtained for the same micro-fin tube as
used in this study is presented as solid, white lines
in Figure 6. They used a global micro-fin heat
transfer coefficient measurement over a 0.6 to 0.8
quality change to calculate E,. For the reference
case, Schlager et al. (1989) measured smooth-tube
heat transfer coefficients for an 8mm inner
diameter tube. The solid white line shows the
enhancement ratio as reported by Schlager et al.
(1989) using the 8mm diameter tube in its
calculation. The dashed line shows the E, after
the smooth-tube conductance was multiplied by
(8/8.8)"% to convert to an E, based on a 8.8 mm
smooth inner diameter, i.e., D, for the micro-fin
tube. The Reynolds number and quality depen-
dence of the Schlager et al. (1989) E, roughly
agrees with the present E, measurement. The
slope of the Schlager et al. (1989) is consistent
with the mean slope of the measurements.
Considering that the Schlager er al. (1989) E, is
for average heat transfer conditions, their data
would be expected to lie close to the middle of the
data range. The Schlager er al. (1989) enhance-
ment ratio that was adjusted to the 8.8mm
diameter lies relatively close to the median of
the data.

Figure 7 includes a comparison of the experi-
mental micro-fin Nusselt numbers to the smooth-
tube convective-condensation correlation of
Ackers and Rosson (1960) using the hydraulic
diameter to calculate the Reynolds and Nusselt
numbers. The figure shows that use of the
hydraulic diameter in a smooth-tube condensa-
tion correlation predicts most of the micro-fin
data to within +20% and —40%. The majority of
the data is under-predict with the Ackers and
Rosson (1960) correlation. Apparently, the
smooth-tube correlation does not account for
the flow enhancement provided by the fins.
Consequently, a new correlation is needed to
account for the heat transfer enhancement due to
the micro fins.

The convective-condensation Nusselt numbers
(Nu) were correlated following the law of Cor-
responding States philosophy presented by Coop-
er (1984). Cooper (1984) suggested that the
fluid properties that govern nucleate pool boiling
can be well represented by a product of the
reduced pressure (P,/P.), the acentric factor
(— log;o( P,/ P.)), and other dimensionless variables
to various powers. The above reduced-pressure
terms and several other locally evaluated terms
were used to correlate the measured local Nu for
all condensing flow conditions and refrigerants
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FIGURE 7 Comparison of measured convective condensa-
tion Nusselt numbers to those predicted with Ackers and Rosen
(1960} using D,
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in this study to:

B4
Nu = 22Dk _ 5 256 ReP JaP prf (%)

ky P

<ﬂ log;o %)ﬁs Sy s
where:
G = 0.303
B2 = 0.232x,
83 = 0.393
Bs = —0.578x]
Bs = —0.474x]
B = 2.531x, (10)

where the Reynolds number (Re), the Jakob
number (Ja), the Prandtl number (Pr), the reduced
pressure (P,/P.), the dimensionless specific volume
(Sv) and the quality (x,) are all evaluated locally at
the saturated condition.

Baker’s (1954) flow map and Soliman’s (1982,
1983, and 1986) flow transition correlations for
smooth tubes were used to approximately deter-
mine the flow conditions. Baker’s results showed
that 79%, 18%, 2%, and 1% of the data were in
annular, slug, bubbly, and wavy flow, respectively.
Soliman’s correlations indicated that 47%, 30%,
and 23% of the data were in wavy (stratified, slug
and wavy), annular, and mist flow, respectively.
No reduction in the residual standard deviation of
the Nu regression was obtained when the data set
was reduced to only the annular flow (as indicated
by the Soliman correlations) data.

The search for the above form of the correlation
began with quadratic exponents in quality for each
dimensionless variable. The quadratic exponent
form was used with good results by Kedzierski and
Kim (1998) to correlate several other pure
refrigerants and mixtures for a wide range of
qualities for both evaporative and condensing
flows. The number of dimensionless variables
and constants in the exponents were reduced to
only those with significant influence on the
residual standard deviation of the fit. For example,

because R410A is a near-azeotrope, the composi-
tion difference between vapor and liquid phases
had a negligible influence on the fit of the cor-
relation. Consequently, the composition difference
was not used in the fit of the data.

One-thousand-and-sixty-seven data points out
of the total 1704 data points were used in the
regression of Eq. (10). Measurements with large
uncertainties, and measurements that had high
influence, or high leverage on the model were all
candidates for exclusion from the regression. Data
were excluded from the regression only when it
could be justified. The details of the data filtering
procedure are given in Kedzierski and Goncalves
(1997).

Figure 8 compares the measured condensation
Nusselt numbers for the micro-fin tube to the Nus-
selt numbers predicted with Eq. (10). Equation
(10) correlates 95% of the pure-component and
near-azeotropic convective-condensation Nusselt
numbers to within approximately +£21%. The
mean of the correlation has an average uncertainty
of + 3% over the entire range of Nusselt numbers.
Only random trends were observed in the residual
plots against each of the parameters of Eq. (10).
The residual standard deviation of Eq. (10) and
that for the separate fits for each fluid were nearly
the same. This suggests that the scatter in the data
is not caused by the different fluids.

500 T T T T T T T T v T
Micro-fin tube RA32, R125, R134a. and R410A cordensation

= 18°% 60 fins, Dy, = 5.45 mm
13 parallel flow

500

0 counterflow

400 -

MEASURED Nu
“
o
(=3
T

———— Mean, egn. 10

,,,,,,, 95% confidence
interval on mean -

0 100 200 300 400 soo 600

PREDICTED Nu

FIGURE 8 Comparison of measured and predicted convec-
tive condensation Nusselt numbers.
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A simpler form of Eq. (10) with a larger
uncertainty is:

Ba
Nu =28 _ 4 04 R prts (%)
3

k)
(— logg %)ﬁs Sy
where
B, = 0.235
B3 = 0.308
By = —1.16x2
Bs = —0.887x,
B = 2.708x, (11)

Equation (11) does not require an iteration
procedure on the AT, to evaluate the Jakob
number. However, the uncertainty of fit is approxi-
mately 23.5% which is larger than that of Eq. (10).

Figure 9 shows the heat transfer coefficient
versus quality for each of the four test fluids at
T, = 40°C, AT,=5K, and G, = 250kg/(m> s).
The solid lines are predictions for the present
micro-fin tube geometry which were obtained from
the correlation of the data given as Eq. (10). In
general, the measured condensation heat transfer

6000 [T T T T T T T T
Micro-fin tube, R32, R125, R134a, and R410A condensation

= 18° 60 fins, By, = 5.45 mm, G = 280 Wim'K T = 313.15K, AT =5K
5000 r M

4000

3000

f (wim? K)

2000

1000

FIGURE 9 Comparison of the heat-transfer coefficient for
different fluids versus thermodynamic quality.

coefficient decreases for decreasing qualities. Ap-
parently, thin liquid films and high vapor velocities
at the entrance of the tube provide for high heat
transfer coefficients. As the liquid accumulates on
the tube wall for decreasing quality, the heat
transfer coefficient diminishes. The refrigerant R32
exhibits the highest heat transfer performance of
the four test fluids. R32 owes much of its heat
transfer performance to its high thermal conduc-
tivity. As expected, the performance of the near-
azeotropic mixture, R410A, is between that of its
pure components, R32 and R125. The predicted
performance of R22 is near that of its proposed
replacement, R410A. The R125 exhibits lower
condensation Nusselt numbers than that for
R134a for the above conditions. Conversely, as
shown by Kaul er al. (1996), the flow-boiling
performance of R125 is greater than that of R134a
in the identical tube.

Over 140 figures would be required to depict the
Nusselt number versus thermodynamic-quality
relationships for each test. Consequently, only
representative plots of Nu versus x, are given in
Figures 10 through 13. Each figure compares
counterflow to parallel flow for nominally the
same Reynolds number and reduced pressure. The
solid lines are predictions for the present micro-fin
tube geometry which were obtained from the
correlation of the data given as Eq. (10). The

BO0 (T T T

R32 micro-fin tube condensation
500 — o =18°, 60 fins, Dp, = 5.45 mm —

e COURtertio, Re = 8480, =034

. 5=
——f}-- porall flow, e = 8390, P, = 0.38

100 - —
@Tm lines are predictions fram eqn. 10
i 0
0 PR EEIOUR U T U YRR RN AU A SN OO S Y YO JUSNS S N B N1
0 01 02 03 04 05 06 07 08 09 T.0 1.1
Xq

FIGURE 10 Condensation Nusselt number versus thermo-
dynamic quality for R32.
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FIGURE 1 Condensation Nusselt number versus thermo-

dynamic quality for R125.
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FIGURE 12 Condensation Nusselt numbers versus thermo-

dynamic quality for R140A.

symbols are the measured data points. In general,
parallel flow exhibits larger Nusselt numbers for
the 0.3 to 0.7 quality range. Below and above this
range, the Nusselt numbers for counterflow and
parallel flow nearly coincide. Both the Nusselt
number measurements and the predictions for
counterflow are concave with respect to quality.
By contrast, the parallel flow Nusselt number
measurements and predictions are convex with
respect to quality. The difference in the Nusselt
numbers in the mid-quality range may be due to
the difference in the heat flux versus quality
relationship between counterflow and parallel
flow. The exact mechanism that is responsible for
the difference between counterflow and parallel
flow is not fully understood. Although the
correlation predicts both the concave and convex
trends with respect to quality, it, apparently, does
not account for the entire difference between
Nusselt numbers for the two flow conditions. Eq.
(10) consistently under-predicts the counterflow
Nusselt numbers and over-predicts the parallel
flow Nusselt numbers.

Figure 14 compares the predictions of Eq. (10)
to the local condensation heat transfer data that
was available in the literature. All of the heat
transfer coefficients taken from the literature were
read from graphs and based on the root-diameter
area. Consequently, all of the heat transfer
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A Chemra and Webb (1985),
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FIGURE 13  Condensation Nusselt number versus thermo-

dynamic quality for R134a.
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FIGURE 14 Comparison of Eq. (10) to data available in the
literature.
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coefficients from the literature had to be adjusted
so that they were based on the actual inner surface
area of the tube in order to compare the literature
data with Eq. (10). Cross-sectional schematics and
tabulated dimensions of the tubes were used to cal-
culate the surface areas and the hydraulic dia-
meters of the micro-fin tubes from:

4A4.coscx
Dy=——- 12
=TS (12)

where S 1s the perimeter of one fin and channel
taken perpendicular to the axis of the fin, Nyis the
number of fins, A, is the cross-sectional flow area,
and « is the helix angle of the fin.

Mori and Nakayama (1983) measured R113
quasi-local condensation heat transfer coefficients
for three different micro-fin tube geometries. The
Mori and Nakayama (1983) data for a 20 mm in-
ner diameter tube with 0.2 mm high micro fins at
a 7° helix angle are presented as closed circles in
Figure 14. The Mori and Nakayama (1983) data
presented in Figure 14 are for a mass velocity of
160 kg/m> s. Most of this data lies within & 20%
of the predictions. Chiang (1993) graphically
presented measured quasi-local condensation heat
transfer coefficient for one of four micro-fin tube
geometries that he tested. The local heat flux was
estimated from dx,/dz = 0.09/m which was given
by Chiang (1993). The Chiang (1993) data for R22
in a 10 mm outer diameter tube with 60, 0.18 mm
high micro fins at a 18° helix angle and a mass
velocity of 600kg/m? s are presented as closed
rectangles in Figure 14. Most of the Chiang (1993)
data lies just below the 20% under-prediction line.
The quasi-local condensation heat transfer mea-
surements of Khanpara et al. (1986) for three
different mass velocities (223 kg/m?- s, 378 kg/m?-s,
and 570 kg/m? s) are shown as closed diamonds in
Figure 14. The local heat flux was estimated from
quality change over the test section which was
given as from 0.2 to 0.3. The measured Nusselt
numbers of Khanpara et al. (1986) for their
intermediate mass velocity of 378 kg/m?. s lie very
close to those predicted by Eq. (10). However, the

high-quality region of the low mass velocity data
(223 kg/m*s) are over-predicted by more than
20%. Similarly, nearly all of the high mass velocity
(570kg/m?s) Nusselt numbers are under-pre-
dicted by approximately 30%.

The data from the literature are all within the
mass velocity limits for which the correlation was
developed. Also, the e/D; ratios for the tubes from
the literature, with the exception of the Mori and
Nakayama (1983) data, are approximately equiva-
lent to the present tube {0.02). However, consider-
ing the wide range of tube diameters, helix angles,
fluids, fin shapes, and estimates made for the
literature data, the agreement between Eq. (10)
and Nusselt numbers from the literature is to be
expected. Also, it is very difficult to estimate the
hydraulic diameter not knowing the exact pattern
of the fins. This is especially true for the Chiang
(1993) data which was for mechanically expanded
micro-fin tubes. Certainly, the mechanical expan-
sion process altered the fin profiles and increased
the overall diameter of the tube. If a larger
hydraulic diameter were to be used in the pre-
dictions, the Chiang (1993) agreement between the
predictions and measurements would improve.

Although, Eq. (10) predicts the micro-fin data
fairly well, the predictions of the cross-grooved
micro-fin data of Chamra and Webb (1995) are
under-predicted on average by 40%. Possibly, the
cross grooves provide an additional enhancement
that is not accounted for by Eq. (10). The process
of forming the cross groove creates a bump or a
spill over into the major groove. The additional
enhancement could be due to the high heat
transfer that would occur on the leading edge of
the bump. Equation (10) cannot account for the
enhancement due to the bump. Also, the cross
groove tubes were created from flat stock with a
“W-shaped” fin axis then seam welded. Conse-
quently, the main fin axis of the cross grooved tube
did not rifle down the axis. Possibly, the non-
spiraling fin also contributed to a difference in
performance from the Eq. (10) prediction.

Figure 15 shows the heat transfer degradation
(Ahyy) as a function of heat flux for the R410A
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FIGURE 15 Heat transfer degradation for the R410A
mixture.

mixture at a mass flux of 246kg/m? s. The Ahyy
was calculated from the correlations using the
same definition as given in Kedzierski et al. (1992):

Ahyy = hy — hyg (13)

where A, is the heat transfer coefficient obtained
from a linear interpolation of the pure components
at a given composition. The heat transfer degrada-
tion is independent of heat flux and no greater
than 2.5%. The average difference between the
vapor and liquid concentration was 0.02 mole,
suggesting that the degradation was mostly due to
property effects.

Pressure Drop

Pierre (1964) developed the following semi-empiri-
cal equation to predict the pressure drop for flow
boiling in a horizontal smooth tube:

1/4 Ax.D
AP =[oo18s5( 2} 4 L¥Dn
Re Xg, AL (14)
wA—Lszqmuv
Dh

where the specific volume of the vapor (v,), the
Reynolds number, the mass velocity (G), and the
two-phase number (& =A—AXZ—§&) are evaluated at

the average temperature of the refrigerant. The
average quality over length AL is xg,. The above
correlation originates from the first law of thermo-
dynamics. The first term within the bracket repre-
sents the dimensionless friction factor.

The second term is from the acceleration
portion of the pressure drop. Pierre (1964) fitted
his pressure drop measurements to Eq. (14) to
obtain an expression for the friction factor. With
the exception of the friction factor which may be
germane to flow boiling, Eq. (14) applies to
condensation as well as to evaporation. One might
expect that pressure drops due to flow boiling (in
the absence of nucleate boiling) and condensation
may be governed by the same physical pheno-
menon. If so, then the Pierre (1964) correlation
should work as well for convective condensation
as it does for convective evaporation.

Figure 16 compares the micro-fin condensation
pressure drop to Pierre (1964) flow-boiling pres-
sure drop correlation. The hydraulic diameter was
used in the Pierre (1964) correlation to predict
most of the condensation pressure drop measure-
ments in the present micro-fin tube to within
+20%. Pierre recommends that Eq. (14) not be
used for values of (Re/®) greater than 1. Only
three data points in the data set violated this
criteria. Overall, the Pierre (1964) correlation

predicts the convective-condensation pressure
T — T
10 b Micro-fin tube, R32, A125, R134a, and R410A condensation 3
3 1= 16°, 60 frs. Dy, = 5.45 man, .. ]
o
-
=
5 4L ]
]
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" L ® o i
0.1 £ 5 eqn. 14 vs. measurements 3
o ~—— Mean, Pierre (1964) with D), 1
e + 20% of mean 4
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FIGURE 16 Comparison of micro-fin condensation pressure
drop to Pierre (1964) boiling pressure drop correlation.
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drop measurements for the micro-fin tube accep-
tably well. However, the mean of the predictions
lies slightly below the ideal prediction line.
Following the development of the Pierre (1964)
pressure drop equation, the Fanning friction

factor for the present data was calculated as:

/ N\

n /D D\
Lp \L'7— Ig)
(Va + V,)AL( G2 - (VO - Ui)) (15)

fr=

where specific volume of the fluid (v) was
calculated from a thermodynamic quality weighted
average of the liquid and vapor specific volumes.
Only the two central portions of the test section
(Fig. 3) were used to ensure that all of the
correlated data were for two-phase flow.

In order to center the friction factor predictions
about the data, the measured friction factors were

regressed to the following:

fr = 0.00228 Re™ 006 02! (16)

Twenty-six data points were removed from the
fit because they had high influence and high
leverage on the fit. The deleted data were for
somewhat low pressure drop values which are
associated with larger relative measurement un-
certainties.

The exponent on the two-phase number given
in Eq. (16), 0.211, is consistent with that given by
Pierre (1964): 0.24. However, the exponent on the
Reynolds number, — 0.062, is very different from
that given by Pierre (1964): — 0.24. The exponent
on the Reynolds number of Eq. (16) is approxi-
mately equivalent to — 0.06 which is the exponent
that one would calculate from the transition zone
of the Moody (1944) chart using the fin height
(0.2mm) for the roughness height. Consequently,
the new friction factor should be more appropriate
for micro fins because it accounts for the influence
of the fins on the flow.

The fact that the Reynolds number exponent
18 consistent with that obtained from the Moody
(1944) chart suggests that the fins of a micro-fin
tube act like a roughness to enhance the con-
vective-condensation heat transfer. If roughness

mixing dominates the enhancement mechanism,
neither swirl effects nor surface-tension drainage
have much influence on the heat transfer. The lack
of importance of surface-tension and swirl flow
may be a consequence of the flow conditions and
surface geometry. It may be possible that the
roughness effect would not dominate for other
flow conditions and micro-fin tubes with larger
heights.

The corroboration between the present Re
exponent and Moody’s (1944) also suggests that
the frictional pressure drop of micro-fin tubes
should depend on the fin-height-to-root-tube-
diameter (e/D;) ratio. If it is assumed that the fins
act purely as a roughness, the Moody (1944) chart
can be used to interpolate between the Eq. (16)
friction factor and Pierre’s (1964) smooth-tube
friction factor for a given e/D, ratio as follows:

B €/Di
= (0.002275 +0.00933 exp ( ~0.003 ))

Re~ 1/(4.16+532(e/D))) 0211 (17)

In the above equation, the functional forms of
the leading coefficient and the Reynolds number
exponent with respect to e/D; were determined
from the Moody (1944) chart. Also, Pierre’s (1964)
friction factor equation was modified for use in the
interpolation. Namely, the exponent on the two-
phase number of Pierre’s (1964) friction factor
correlation was set equal to that of Eq. (16) and
the leading coefficient on Pierre’s correlation was
adjusted to give approximately the same results,
for our data set, as the original equation.

The pressure drop equation for which Egs. (16)
and (17) are valid is:

AP = (Mjﬁi’i‘% + (v - w))G2 (18)

This is essentially the same equation as given by
Pierre (1964) with the exception that the specific
volume of the liquid is not neglected. The un-
certainty of the fit was reduced when the liquid
specific volume was included.
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CONCLUSIONS

Local convective-condensation measurements for
four refrigerant fluids: R134a, R410A(R32/R125,
50/50%mass), R125, and R32 in a micro-fin tube
were presented. Both heat transfer and pressure
drop measurements were provided. The measured
convective-condensation Nusselt numbers for all
of the test refrigerants were correlated to a single
expression consisting of a product of dimension-
less properties. The correlation was shown to
predict existing condensation Nusselt numbers for
micro-fin tubes from the literature acceptably well.
However, the correlation poorly predicted the
Nusselt numbers for micro-fin tubes with cross-
grooves. It was speculated that bumps from the
cross-grooves caused an additional enhancement
that could not be accounted for by the correlation.
The hydraulic diameter was used in an existing
flow-boiling correlation from the literature to
predict most of the condensation pressure drop
measurements in the micro-fin tube to within
+20%.

In general, the measured condensation heat
transfer coefficient decreased with decreasing
qualities. The refrigerant R32 exhibited the highest
heat transfer performance due to its high thermal
conductivity. As expected, the performance of the
near-azeotropic mixture R410A was between that
of its pure components R32 and R125. The heat
transfer degradation associated with R410A was
shown to be relatively small and believed to be
mostly due to nonlinear property effects.

The enhancement ratio was shown to span from
3.6 at low Re to 0.6 at high Re. It was speculated
that the micro fins enhanced the heat transfer with
a combination of liquid-vapor interface mixing
and turbulent mixing near the wall. The surface
behaves as a roughness in the enhancement of the
heat transfer. Surface-tension drainage and swirl
effects are presumed to have little influence on the
heat transfer. At high vapor qualities and thin
liquid films on the surface, the fins act to mix the
liquid — vapor interface. At lower vapor qualities
and thicker liquid films on the surface, the fins

have less influence on the liquid —vapor interface.
The heat transfer enhancement with respect to the
Reynolds number may result from an interaction
between the fins and the turbulence in the liquid
film. Low Reynolds number flows may be en-
hanced more readily than high Reynolds number
flows due to the reduction in the size of the
turbulent eddies at the wall by the interaction of
the flow with the fins. High Reynolds number
flows are not enhanced as readily as low Reynolds
number flows because there are fewer large eddies
to be reduced.

The condensation pressure drop for the micro-
fin tube was predicted acceptably well with a
modified form of the Pierre (1964) pressure drop
correlation for convective evaporation. The hy-
draulic diameter was used and a new friction
factor was developed to account for the fin effect
on the flow. The influence of the fin height on the
Reynolds number exponent was consist with the
Moody chart, suggesting that the surface behaves
like a roughness in enhancing the heat transfer.
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NOMENCLATURE

English Symbols

A,
A

Pr

"

Sv

cross sectional flow area inside tube (m?)
actual inner surface area of tube (m?)
specific heat (J/kg- K)

number of model parameters

tube diameter (m)

equivalent inner diameter of smooth tube,
V4a4Adc/m (m)

hydraulic diameter of micro-fin tube, (m)
height of micro fin (m)

heat transfer enhancement ratio

Fanning friction factor

gravitational acceleration, 9.8 m/s*

Mass velocity (kg/m?s)

local two-phase heat transfer coefficient
(W/m? K)

h from linear fit between pure components
(W/m* X)

latent heat of vaporization (J/kg)
refrigerant Jakob Number iy /C, AT
refrigerant thermal conductivity (W/m- K)
tube length (m)

number of fins

local Nusselt number based on D,

mass flow rate (kg/s)

wetted perimeter of inner micro-fin tube
(m)

local fluid pressure (Pa)

liquid refrigerant Prandtl number {c,p/
Bl

local heat flux based on 4; (W/m?)

all Tiquid, refrigerant Reynolds number
based on Re = GD,/u,

perimeter of one fin and channel perpen-
dicular to fin axis (m)

non-dimensional refrigerant specific vo-
lume (v, — v1)/v)l,

temperature (K)

expanded relative uncertainty
thermodynamic mass quality

axial distance (m)

Greek Symbols

o helix angle between micro fin and tube
axis

I} exponent on correlation

Ahy,  heat transfer degradation (W/m? K)

AL incremental length (m)

AP pressure drop (Pa)
ATS T5 - Tw (K)
Ax, quality change over AL

7 dynamic viscosity (kg/m-s)

v specific volume, x,v, + (1 — x,)v (m*/kg)
D two-phase number, (Ax, ip/ALg)
Subscripts

¢ critical condition

f water

i inlet, inner

/ liquid

0 exit, outside

p plain or smooth tube

r refrigerant

w heat transfer surface

v vapor
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